A micro-scale, high-speed compressor impeller (12 mm diameter, 800,000 rpm) was tested for feasibility in regard to aerodynamic performance. The compressor was designed for application in a fist-sized gas-turbine-generator. To survive high stresses at such high temperatures, the rotor was manufactured as a single turbine/compressor/shaft unit in silicon nitride, by the Mold SDM process. Performance testing was conducted in a cold-flow rig at reduced speed of 420,000 rpm. Results from a CFD code compared favorably to measured data at this speed. Extrapolation from test conditions to full design speed was accomplished by application of CFD applied at both speeds.
Here, C p = 1005 (m 2 /s 2 K) k Ratio of specific heats. Here, k = 1.4 M g Mass flow rate N Rotating speed (rpm) P c Collection chamber pressure P s Probability of survival of a ceramic specimen under specified loads P f Probability of failure of a ceramic specimen.
Here, P f = 1 -P s P 2 Static pressure at (2) Po 1 Inlet total and static pressure, Here, 1 atm = 101.4 kPa Po 2 Total pressure at (2) R Gas constant. Here, R = 287 (N-m/kg-K) R 2 Radius of exit station (6.9 mm) R tip Radius of the rotor at tip ω Rotating speed (1/sec) T 2 Static temperature at (2) To 1 Total temperature at (1) . Range = 289 to 296 K To 2 Total temperature at (2) U tip Rotor tip speed: ω R tip V r2 Radial flow speed at (2)
INTRODUCTION
The need for a portable micro-sized power source is increasing with the development of unmanned aerial vehicles, autonomous robots and other mobile devices. Since it is known that the power density of a gas turbine engine is inversely proportional to its length scale, a gas turbine engine with a rotary generator was chosen over other possible devices [1, 2] . In this paper, the compressor for the gas turbine engine is the principal object of investigation.
Preliminary design analysis showed that a gas-turbinegenerator based on a simple Brayton cycle with a cycle pressure ratio of 3:1 could produce the desired power in a fist-sized package, excluding fuel tank and controls. The largest component is a reverse flow annular combustion chamber. The radial flow compressor and turbine rotors are much smaller. They are mounted back-to-back in an overhung configuration on the shaft, ahead of the rear bearing. The generator, mounted between the front and rear bearings, is the second largest component of the package.
With rotors of 12 mm diameter, the shaft must spin at 800,000 rpm (500 m/s tip speed) to achieve the design pressure ratio of 3:1 using a radial flow compressor impeller with backward leaning blades. To withstand the high stresses at high temperature without the need for auxiliary cooling, a ceramic material was chosen for the rotors and shaft. Also, to achieve the desired performance levels, the turbine and compressor were designed with the fully three-dimensional geometry obtained in conventional turbomachines. These geometric criteria were achieved by the use of Mold SDM process, developed in the Rapid Prototyping Laboratory at Stanford University, to produce very small, intricate, three-dimensional rotors and shafts out of silicon nitride.
The compressor rotor, Figure 1 , was designed to be about 12 mm in diameter with unshrouded blades. It had 6 full blades and 6 partial blades (splitters) which inclined backwards at approximately 50 degrees at the tip. The hub-to-shroud depth at the tip, diffuser inlet, was about 1 mm, and the axial tip clearance was 76 µm. At design point flow rate of 2.38 g/s, a work input coefficient (V t tip /U tip ) of about 0.7 was utilized so that the impeller would have enough pressure rise to produce a stage pressure ratio of 3.0 and efficiency of 65 %. Loss estimates used in the preliminary design included low Reynolds number effects plus a tip clearance leakage loss of 4 %.
Downstream of the impeller, a thin-vaned, radial flow diffuser, proceeded by a short vaneless space, was designed for use in the actual engine. In the study presented here, a vaneless dif-5 mm Figure 1 . CAD model of compressor fuser (1 mm deep with a radius ratio of 2:1) ahead of an exit dump chamber was used for the experiments and for the computational fluid dynamics (CFD) which were intended to explore the performance of the impeller.
Many technical hurdles remain in the design of the final power plant. For example, the type of bearings is a major issue. Air journal and thrust bearings were employed in the 4 mm diameter rotors of the 10 Watt micro gas turbine generator developed at the MIT Gas Turbine Laboratory [2] . They were also used in the 10 mm rotors of the 100 Watt engine design by IHI and Tohoku University [3] . Modern developments in ball bearings for high speeds and small sizes, such as those used in air-turbines for dental drills, may also offer an option. For our work, we employed ball bearings for the compressor impellers which were tested up to 420,000 rpm (260 m/s tip speed). In separate tests in a special, small bearing test stand which utilized a 5 mm diameter air turbine, stable runs at 830,000 rpm were achieved. This paper concentrates on the design and manufacturing of the turbine/compressor/shaft assembly, and the evaluation of the compressor impeller performance by both experiment and from the results of CFD.
Some Design and Aerodynamic Performance Issues Related to Compressor and Turbine Size
Low Reynolds number, surface roughness, tip clearances, and minimum feature size are all important issues when one considers the design and performance of any miniaturized turbomachine. All four items can lead to reduced levels of performance, and thus require some discussion. Some guidance is found in the literature [4] concerning Reynolds number and surface roughness effects. Also, some very useful information may be obtained from papers on an earlier micro compressor (4 mm diameter at 500 m/s tip speed) even though the radial flow path is unusual: flat and two-dimensional [2, 5] .
Scaling of efficiency for shrouded, radial flow compressor impellers, typical of narrow industrial compressor stages, was established [4] . He used a Reynolds number based on tip speed, U tip ; blade height at the tip, b tip ; and kinematic viscosity at impeller inlet, which is 1. It is noted that the Reynolds number for the small impeller is 3.35 × 10 4 , which indicates that the flow in the impeller is turbulent, not laminar as it would be if the size were reduced by another factor of 10. The losses would increase catastrophically if the flow were laminar [5] , and one may justifiably conclude that an impeller with a diameter of 1 to 2 mm may represent a lower limit, if efficiency is an important design criterion as it is here.
The current impeller does not have a rotating shroud like the impellers investigated by Casey. Here, there is no shroud cover, but an open clearance over the blade tips which is approximately 10 % of the blade height, b tip . Thus the losses predicted above are not going to be better than rough estimates. Probably, the friction losses will be smaller, but there may be an additional loss due to leakage over the blade tips, which should increase as the clearance increases. This added loss, which is assumed to be independent of scale, was originally estimated to be 4 points in addition to other losses. Adding all losses together and assuming the design point efficiency of the micro compressor is 65 % says that a stage which is 25 times larger should have an efficiency of 83 %, a value in the expected range for this type of radial flow compressor. An attempt was made to determine the effects of change of axial clearance in the experimental program.
Finally, the effects of minimum feature size need to be discussed. Here, 0.3 mm (30 % of b tip ) was chosen as the blade thickness and the blade leading edges were not sharp as is the case in large high Mach number compressors of similar geometric shape. These effects will tend to increase blockage at both blade leading edges (inducer region) and at the trailing edges. There is currently no way to accurately estimate the added losses and separate them from the flow distribution (thicker boundary layers) blockage due to low Reynolds numbers. Blockage has several effects: (a) It reduces the flow area compared to the available geometric area and thus limits the through flow. This effect may be accounted for in design by an increase in dimensions such as b 2 when a particular mass flow rate is required. (b) Blocked area represents flow distortion which, compared to uniform flow, increases the mass-flow-average kinetic energy leaving the impeller. The downstream diffuser must cope with this non-uniformity as it reduces the kinetic energy and recovers it as static pressure rise. It is well known that increase of inlet blockage (flow distortion) leads to decrease in diffuser pressure recovery and consequently a loss in stage efficiency. In any case, the relatively large minimum feature size in the micro-scale compressor impeller is expected to have a negative influence on efficiency.
MICRO-SCALE CERAMIC COMPONENTS AND THEIR FABRICATION
Ceramics, especially silicon nitride, can have exceptional high temperature strength properties in a material of low density which makes them attractive for gas turbine applications where highly stressed turbines and other components must survive in contact with very hot gasses. In large turbines, vanes and blades are large enough to be manufactured with internal and film cooling which allows high temperature metals to be used in most cases. However, in the case of micro-scale turbines (diameter < 100 mm), the limits of scale preclude active blade cooling, and thus the blades must be solid which makes ceramics desirable, if they can be produced.
Two major issues have blocked application of ceramics to gas turbines, rotors in particular. The first is reliability and second is the lack of the shaping techniques. This project was able to avoid the reliability issue by noticing the increased reliability of the small sized ceramic components. The second issue has been overcome by the use of Mold SDM process with the application of gelcasting.
Reliability of Ceramic Components in Micro-Scale Gas Turbine Engines
The reliability issue is rooted on the brittle nature of the material. Figure 2 illustrates two characteristics of the fracture behavior of ceramic specimen under identical loading conditions. First, failure is sudden and complete, which is different from metal. Second, the maximum strength of each sample varies significantly in nominally identical specimens where Young's modulus is nearly constant. This characteristic, among others, points to flaws as the source of failure. Considering the brittle (sudden) failure mode, the biggest flaw contained in a specimen is responsible for the failure of the whole part.
Since the pore sizes follow a particular distribution, the size of the largest flaw tends to increase as the volume of the specimen increases under the same material and process condition. This property, accounted for in Weibull statistics, results in Equation 1. Here, V is the volume of the part of interest. The argument, m, of the function f (m) is a parameter referred to as the Weibull modulus. σ 0 is a characteristic stress value for frac-strain tensile stress Lineaer elasticity followed by fracture ture obtained by a statistical treatment [6] . The actual form of f (m) varies according to the loading conditions. For example, f (m) = 2(m + 1) 2 for three-point bending and f (m) = 2(m + 1) for four-point bending. In the actual design of a ceramic part, Equation 1 is used to calculate the allowable stress σ max so that the part can have survival probability of P s .
Since the argument of the exponential is negative, decreasing V (smaller volume) increases the P s . A Taylor expansion of P s around P s = 1 shows that the failure probability P f , which is defined as P f = 1 − P s , is proportional to V. This suggests the smaller the ceramic part, the more reliable [1] .
Mold SDM Process
The Mold SDM process, a derivative of Shape Deposition Manufacturing (SDM) [7] , combined with gelcasting one has the capability to fabricate silicon nitride components with full 3-D geometry containing features (e.g., blades) as small as 200 µm. It is even possible to achieve a complex monolithic geometry in a single part that is not possible with the conventional ceramic processes such as injection molding and green machining.
In the Mold SDM process, the fugitive mold of the final geometry is fabricated by SDM. SDM combines a material addition and material removal process to achieve both shape complexity and superior surface finish compared to the other rapid prototyping processes such as 3-D printing (3DP), stereolithography (SLA), selective laser sintering (SLS) and fused deposition manufacturing (FDM). Superior surface finish is particularly important in the fabrication of ceramic components since the strength of ceramic parts is highly sensitive to the surface smoothness due to the brittleness of ceramics. Gelcasting is a ceramic forming process developed by Oak Ridge National Laboratory and is compatible with Mold SDM. Gelcasting slurry is a mixture of ceramic powder, monomers (chain former and branch former) and solvent. Usually, gelcasting slurries have low viscosity. Right before casting, an initiator system (a set of chemicals that initiates and propagates polymerization) is added. Then, the chain former and branch former contained in the slurry are transformed into polymer chains, which hold the ceramic particles in position and gives strength to the green part which is eventually sintered at high temperature to become the final, strong ceramic part.
Steps 1 to 4 of Figure 3 show the mold fabrication using SDM process. The mold and support materials are deposited by casting and shaped by machining. Since all the surfaces are directly shaped by machining or replicated from the machined surfaces, all the final geometry has the machined surface quality, which is about 1 µm RMS. Machinable waxes are used for the mold material and Aqua-Sol soldermask (Advanced Ceramics Research, Tucson, AZ) is used for the support material. Since the soldermask is UV curable liquid, it can be deposited into any shape. The solidified soldermask is dissolved in water leaving the cavity for the final geometry, as shown in step 5.
Silicon nitride gelcasting slurry is cast into the mold and cured (step 6) at an elevated temperature. Then follows the removal of the wax mold (step 7) by melting and removal of the casting features (step 8) completes the green part. The green part goes through ceramic processing such as drying (evaporation of the solvent) and removal of polymer chains and, finally, sintering at high temperature. During the sintering, the part densifies and obtains its full strength. A final part is shown in Figure 5 .
Properties of Mold SDM Silicon Nitride
The strength of sintered ceramic components without any finishing (as-sintered strength) is smaller than that of the ground parts. The maximum strength of the sintered parts is achieved by grinding surface (polished strength) since it removes the surface layer and rough surfaces. Grinding, however, is not applicable to the Mold SDM ceramic parts due to their shape complexity. Thus, the as sintered strength, rather than the polished strength is more important to the Mold SDM ceramic parts. The Mold SDM silicon nitride specimens show mean strength higher than 400 MPa as long as the machined scallop height of the mold is under 5 µm [8] . 
Material
Strength (MPa)
Si3N4 unpolished 414
Si3N4 polished 950
Si3N4 pressure sintering, polished 983
VERIFICATION OF THE DESIGN BY CFD AND EXPERI-MENTAL METHODS
The aerodynamic performance of a compressor in a rotor group like the one shown in Figure 5 was 'tested' by two independent methods; (i) by direct measurements in a specially designed test facility, and (ii) by CFD analysis. The performance objective was to determine if the pressure ratio and efficiency at the design flow rate satisfied the requirements for ultimate, successful application in the gas turbine.
Test facility and procedures
The general goal was to verify the functionality of the compressor impeller at the highest possible rotor speed. No attempt was made to model the vaned diffuser planned for the gas turbine itself. The shaft of the rotor group fabricated with the Mold SDM process was mounted on two miniature ball bearings (3.175 mm ID) in an overhung position. The bearings were then mounted in a cartridge, held in an axial traversing unit that was actuated by a micrometer. Thus, the rotor group could be moved along the axis to vary the axial clearance between the blades and the fixed aluminum shroud, which also formed one wall of the radial vaneless diffuser. The opposite side of the diffuser and a downstream flow collection chamber were integral with a turbine inlet nozzle block, which included the turbine shroud and exit duct. This Flow entered the compressor impeller through a smooth bell mouth in the shroud wall. The four outlet pipes (only one shown above) from the collection chamber, downstream of the vaneless diffuser, were connected to a common tube. This tube passed into a flow meter (Sierra Instruments: Top-Trak 280 series, 0-150 SLPM) and a flow control valve which acted as throttle before the compressed air discharged to the atmosphere. Uncertainty of the flow measurement was ±0.05 g/s.
The turbine was driven by compressed, room temperature nitrogen supplied through four tubes inserted into a plenum chamber in the inlet nozzle block (only one shown in Figure 4 ). The turbine exit was to the atmosphere through a diffusing duct. Rotor speeds up to 500,000 rpm could be obtained with this system. Thus, testing at the design speed of 800,000 rpm was not feasible.
Rotational speed, N, was measured by a Fourier analysis of light reflected from one end of the shaft. The light was converted by an Optiphase Model V500 analog receiver. A National Instrument data acquisition board (PCI-MIO-16E-4) installed in a PC received the signal and the frequency was obtained by Fourier transformation performed with LabView software. Control of N to an accuracy of ±1, 200 rpm was provided by regulation of the nitrogen pressure entering the turbine.
The densification of the silicon nitride during the sintering process is accompanied by linear shrinkage (19 ± 1% in this case). This shrinkage is accounted for in the design before the molds are made. To satisfy final accuracy requirements, certain surfaces such as turbine and compressor blade-shroud-contour profiles, the outer tip diameter and the shaft of the rotor were ground to fine tolerances. The ground rotor was mounted on two bearings (hidden inside the cartridge) as shown in Figure 5 . The rotor blades are much thicker compared to their span compared to those on larger rotors. No noticeable sagging of blades during sintering was observed.
The finite element analysis of the rotor at 800,000 rpm predicted that the maximum stress of 290 MPa will occur at the root of the compressor blade near the exducer. In this study, the life prediction using probabilistic code was not performed. Further investigation such as strength measurement at operating temperature is required to ensure a life time of rotor.
The rotor was balanced while mounted on the bearings to a residual unbalance of 0.003 g-mm static, 0.003 g-mm dynamic at 1,500 rpm. A combination of minute errors in rig machining and assembly combined with rotor vibrations when the rotor spins at high speed caused the speed limit of the rig to be 420,000 rpm to avoid short term mechanical failure. Since the test speed is only about a half of the design speed and the average strength value is higher than the predicted maximum value at design speed, proof tests were omitted.
Performance of this compressor rotor was therefore determined at a speed of 420,000 rpm by measuring the pressures and temperatures at inlet and exit versus the mass flow rate, and by comparison to the results obtained by CFD. The small scale of the apparatus didn't permit detailed examination of the flow field leaving the impeller; only single point data at the exit (2) were possible. As a result, the mass flow average results obtainable from the CFD had to be compared to experimental results obtained using the assumption of one-dimensional, uniform flow at the exit (2) in the data analysis. A cross section of the test rig is provided in Figure 6 . This drawing is roughly to scale except for the collection chamber which is larger in the actual apparatus. The turbine rotor and nozzles, to the left, are not shown, nor are the bearings, which are to the right in the Figure 6 . Atmospheric air at (1) enters the inlet bell at very low speed, from the right. The exit state (2) for the impeller is measured at R 2 = 6.9 mm, a radius slightly larger than the tip radius of the impeller.
Four static pressures were measured: P 2 , the exit static pressure, is the average of the pressures from the two wall taps at the exit station, (2) . Only small pressure differences were observed between these taps. The pressure in the collection chamber, Pc, was indicated by pressure measured upstream of the metering valve. Pressure was also recorded from a forth wall tap (not shown) installed on the shroud side at R = 6.185 mm, but data from this tap was not considered reliable since a tap could not be installed at the same radius on the hub side. These pressures were measured to an estimated uncertainty of ±6 kPa, on gauge pressure sensors by Omega (PX139-015D4V). Inlet pressure, Po 1 , was taken to be 101.4 kPa, atmospheric pressure.
Temperature was measured at inlet (1) and exit (2) using type K thermocouples by Omega (5SC-TT-K-36-72), an ice reference and a precision multimeter. To 1 , was obtained from a thermocouple placed near the inlet bell. At the exit station, the bare wires (0.127 mm dia.) were inserted through the a hole in the aluminum cover which forms the shroud wall, bent over in the radial direction with the junction set as close to the tip as possible, Figure 6 . Between the hole in the cover and the junction, the bare wires comprised a 3 mm long stem. This was found necessary to avoid substantial conduction cooling of the junction by the Al cover which was always at about room temperature. To avoid aerodynamic interference, the radial thermocouple probe was displaced by 90 degrees relative to the circumferential location of the two wall static taps at (2) . The overall uncertainty of the measured temperatures was estimated to be ±1 • C. Finally, data for each run was obtained only after the thermocouple readings had stabilized.
Special consideration was needed to obtain the stagnation temperature, To 2 , at (2) because of the high speed of the flow (order 100 m/s) over the thermocouple probe. The raw readings were corrected by use of an aerodynamic recovery factor of 0.66 based on the tangential speed, V t , in the location of the junction, which was very close to the tip of the impeller. The accuracy of this procedure is addressed below in the results section.
The desired final results, pressure ratio, (Po 2 /Po 1 ), and the adiabatic efficiency, η, require the estimation of the exit stagnation pressure, Po 2 , by application of the measured data. The assumptions are that air is a simple perfect gas, the velocity profiles at exit are uniform, and the flow fills the exit (no flow blockage). The flow speed at the inlet is nearly zero, so static and stagnation states are equal at (1) .
The equations that were solved for the estimation of Po 2 are: Conservation of mass:
Perfect gas equation of state:
Euler's turbine equation work = adiabatic, steady flow energy equation work input:
Definition of stagnation temperature:
Estimation of V t2 by angular momentum conservation:
The solving these equations, after inserting the data, gives ρ 2 , T 2 , V r2 , V t tip , and V t2 , and thus:
Outline of the CFD method
The CFD code used here is based on a compressible-flow, Reynolds-averaged, Navier-Stokes method developed for computation of turbine and compressor rotor flows [9] . A lowReynolds-number k-e turbulence model is incorporated, and the code uses structured, non-orthogonal, body-fitted meshes. For this case, one blade-to-blade passage was divided by the splitter into two primary streamtubes, which extended from inlet to just downstream of the exit in the vaneless space. The mesh sizes for the streamtubes were 196 × 94 × 49. A clearance gap of 0.1 mm (10 % of b tip ) was incorporated in the computation. Computations were carried out at 800,000 rpm, the design-condition, and at test conditions, 420,000 rpm, so that direct comparison to the experimental results would be possible. Values of the properties at the exit (2) were obtained by mass flow averaging the detailed results. 
EXPERIMENTAL AND CFD RESULTS
Pressure ratios and temperature differences were examined for consistency, and to check that the experimental results were reasonable because of the simplifying assumptions involved in arriving at the final results from the raw data. Figure 7 shows both data and CFD results for two pressure ratios, the static pressure ratio, P 2 /Po 1 , and the stagnation pressure ratio, Po 2 /Po 1 , plotted versus the mass flow rate at 420,000 rpm. The data based on the static pressure, P 2 , is independent of the temperature data, and is shown in the lower set of points (open squares). The scatter in these points is less than with an estimate of the uncertainty [10] in the pressure ratio data, ±0.06. The CFD results based on P 2 , except for the point at highest flow rate, are in fairly close agreement with the measured results. The same conclusion may be drawn on comparison of the data and CFD results for Po 2 , the solid points and curve in the upper portion of the graph. The method used to compute Po 2 from the raw data is also appears to be reasonable, but it also may contribute a small error to final results. It can't be concluded that either result is more accurate than the other because of significant differences between the two methods. For example, surface roughness effects, accuracy of blade angle settings at leading edges, axial tip clearances may all lead to small differences between experimental and CFD results.
Measured temperatures at the exit (2) and inlet (1) enter the estimation of Po 2 from the raw data, but they also are needed in the calculation of the adiabatic efficiency. The temperature rise (difference) enters directly in the denominator of the efficiency and its estimated uncertainty is about ±1.5 • C if proper corrections are made in the raw temperature readings. Figure 8 shows several results including probe data corrected for non-adiabatic effects. These data were very well correlated with the CFD results. (T raw2 − To 1 ), based on direct, raw readings from the thermocouple at (2), gave low temperature rise values. Such low values led to efficiencies that were unbelievably high. Preliminary experiments with an exit thermocouple placed in the collection chamber gave even lower readings. This was thought to be the result of significant heat losses to the walls of the vaneless diffuser. Heat transfer effects can be a significant issue in a microscopic devices [2] , and this is the reason that the exit thermocouple was placed as close to the impeller tip as possible.
Scaling of the pressure ratio results between different rotor speeds, in the case of slightly compressible flow, is accomplished by use of a dimensionless parameter, the flow coefficient, which in our case looks like, M g /(ρ 1 R tip 3 ω). For our purposes the inlet density and impeller tip speed are constant so a line of similarity which scales the mass flow rate, M g , through the design point is
The similarity line drawn on Figure 9 passes through the original design point at a pressure ratio of 3 and mass flow rate of 2.38 g/s for 800,000 rpm. It passes through the data for 420,000 rpm at pressure ratio of 1.42 and mass flow of 1.25 g/s. Data for a number of lower speeds are also shown on the graph. The shape of the CFD curve at design speed has a slightly different shape from the curves at 420,000 rpm. This is because compressibility is much more important in this case, and simple similarity scaling cannot be expected to be exact. In particular, at the highest flow rate, local choking effects near the blade leading edges will cause a sharper downturn in the pressure ratio and efficiency. Later, in Figure 11 , the effects of speed change on efficiency, along the design-point flow similarity curve, are presented.
The adiabatic efficiencies for 800,000 rpm and 420,000 rpm are compared in Figure 10 . At the test conditions, the measured efficiency is about 0.04 points lower than the CFD results around the design-point similarity flow rate of 1.25 g/s. This could be significant even accounting for the estimated uncertainty. At high flow rate, the CFD result drops to lower values than is suggested by the data. Reasons for this are not known.
Two other sets of data were used in the calculation of the efficiency for 420,000 rpm to illustrate the need for a effective diffuser design. The first is based on the measured static pressure ratio, (P 2 /Po 2 ), at the exit station, and the second on the pressure ratio from the downstream collection chamber (P c /Po 1 ). Both these results show adiabatic efficiencies that are 0.24 and 0.18 points lower than the total-to-total (Po 2 /Po 1 ) efficiency. To reduce the significant diffuser losses implied here, a very effective vaned diffuser design will be required for the actual compressor stage, not a simple vaneless space [5] .
The efficiency was measured for a range of speeds from 420,000 rpm down to 180,000 rpm and it was found that the efficiency, in the region of the design point, at each speed increased, down to 240,000 rpm. Figure 11 illustrates this point and it includes the CFD results which end at the real design condition, 800,000 rpm. Also shown in the figure is the experimental uncertainty for the data. This indicates that the scatter indicated in the three low rpm points can be attributed to error in the data.
The uncertainty analysis used here [10] gives an estimate for single sample experiments based on a 95 % confidence limit. In the adiabatic efficiency, see Equation 8 , the major contributions to error are the temperature rise (To 2 − To 1 ) and the pressure ratio (Po 2 /Po 1 ). The error in temperature at (2) is the major contributor to overall error at all speeds, but more so at lower speeds. In spite of the possible errors, a decrease in efficiency with increase in speed is a trend for this compressor impeller believed to relate to the increased sensitivity of the flow to compressible flow effects as rotor speed increases.
